The rapid development of electric vehicles stimulates the development of structures related to their operation. Including the use of the range extending engine for electric vehicles. The use of gas turbine engines for vehicles has always been of interest. The microturbine in the range extending engine is relevant today. However, the possibility of using a microturbine as part of a range extending engine is possible under several conditions. Microturbine should be successfully mated with a high-speed generator, and the whole structure should have a high efficiency and be economically advantageous. To create such a design, it is necessary to develop a simple microturbine with a design, equipped with a highly efficient heat exchanger, which allows to obtain high fuel and operational efficiency. Microturbine should have low temperatures on the turbine wheel to maintain high environmental parameters. The use of composite materials is necessary. The results of the development and technical characteristics of a single shaft microturbine of this class for use with a high-boring generator are presented, and its applicability as a range extending engine is justified. The main problems solved in the design of microturbines are shown: issues of thermal conditions, optimization of blade machines, flow in gas-air pipes. Power plants, based on the microturbine and high-speed generator, can be widely adopted on the basis of their simple and high operating characteristics, including the range extending engine as a range extending engine.
Introduction
At this stage of development of vehicles with combined engines, one of the development directions is the possibility of introducing a low-power gas turbine engine, or microturbine, as a converter of thermal energy into mechanical energy. This solution has a large number of positive aspects, such as fuel consumption, small size, highenergy efficiency and a number of performance indicators. In this case, the vehicle is also equipped with a high-speed generator for converting the microturbine's mechanical energy into electrical energy. That ensures the microturbine operation in a given range on the characteristic of optimal fuel consumption.
The structure of such vehicle generally includes: generating unit based on high-speed power generator and microturbines, the storage system and electric power storage, microturbine's fuel system and a traction electric drive.
More than ten developments of motor vehicles using the microturbine as an additional source of energy for vehicles with traction electric drives are already known in the world, which was called MiTRE (Microturbine Range Extender) [1, 2] . As an example, among the vehicles there are Trolza (Ekobus) buses, Delta Hypercar supercar, trucks such as Isuzu NPR, Mack Truck and Kenworth. P. L. Klimov and E. A. Razumets [3] give the definition of the term "microturbine". The appearance of microturbines in the energy sector of the economy is also described. An overview analysis of the benefits of using distributed microtube generation in distribution networks has been made. For information, the technological process of a single-axis microturbine is given. Thus, the term "microturbine" used in this report can be clearly defined. It is an autonomous low-capacity thermal power plant that has an electrical capacity of up to 1000 kW. At the same time, the microturbine is part of an electric generator that produces an extremely low level of NO x emissions of -15 ppm, which allows them to be installed even in housing estate. The minimum electric power microturbines starts at 30 kW. Microturbines easily combined to a cluster, that is, a common energy system to produce large amounts of electrical power. Also in the cogeneration mode, the microturbine is able to solve the problems of heat supply of various objects. Trigeneration, applied to a microturbine, makes it possible to convert excess heat energy into cold, produced by absorption refrigerator.
Practically any kind of liquid or gaseous fuel can serve as a fuel for microturbines:
• natural gas with any pressure; • biogas; • associated petroleum gas with high sulfur content;
• diesel fuel; • liquefied gas -propane; • other fuels. The conclusions of the article means that the main advantages of the distributed generation system based on microturbines are the following advantages:
• low noise level; • low vibrations; • small overall dimensions;
• a small number of moving parts; • long maintenance intervals; Наука и техника. Т. 18, № 6 (2019) Science and Technique. V. 18, No 6 (2019)
• ability to work on various fuels (natural gas, gasoline, kerosene, naphtha, alcohol, hydrogen, propane, methane and diesel fuel).
However, it is worth noting that most microturbines used on an industrial scale use natural gas as a priority fuel.
As part of the work, a microturbine heat exchanger is being developed, so it was important to investigate work on improving the characteristics of this microturbine part. One of the aggressive phenomena in the operation of the microturbine is the thermal load on the heat exchanger. In the work [4] on reducing the thermal intensity of a vehicle microturbine heat exchanger, the authors A. A. Andreenkov and A. A. Dementiev consider a power plant based on a microturbine as part of a vehicle.
The authors have considered the advantages of motor vehicles with combined power plants, which include an electric generator based on a gas microturbine. The article widely identifies microturbine issues and solutions that positively affect performance. It was highlighted that priorities were identified and formulated in the automotive turbine industry and the ways of their solution were outlined, which, with a favorable policy, would allow transport microturbines to compete with piston engines, microturbines are especially attractive for use on heavy vehicles. The effective efficiency of the microturbine is a function of the ratio of air pressure behind the compressor and the temperature of the working gases to the corresponding parameters at the engine inlet, the efficiency of the compressor and the turbine, and the thermal efficiency (degree of regeneration) of the heat exchanger.
It is noted that the development of microturbines designed for vehicles is impossible without their operation together with a reliable, highly efficient, lightweight and compact heat exchanger. Using the example of Capstone microturbines, which heat the air behind the compressor from 205 to 510 °C, it is stated that the specific fuel consumption has been improved almost 2 times compared to the cycle without regeneration; the heat efficiency of the heat exchanger is 0.86, which for heat exchangers with overall mass parameters satisfying the layout of the microturbine is a high value, but far from limiting, when considering work in the specified conditions of heat exchangers of other schemes. Therefore, obtaining higher per-formance is also the goal of this applied scientific research.
An overview of current trends in the development of high-speed turbogenerators with permanent magnets is given in the study by E. Kachalina and others [5] . The materials provide an overview of both microgenerators (with a capacity of 1 kW) and generators with a capacity of 1 to 10 MW.
The analytical review of microgenerators for our work is the most relevant. It discusses publications about turbogenerators with a capacity of less than 1 MW. It is indicated that microturbine generators are called machines with a capacity from 25 to 250 kW, while at the same time, intensive development and research of microturbine generators in the range from a few watts to kilowatts rotating at ultra-high speeds is underway. They are also called microturbine generators, possibly due to the fact that they are being developed directly for installation in a combined microturbine engine.
The design features are as follows: the rotor of the electric machine, the compressor and the turbine are located on the same shaft of the microturbine generator. When starting the turbine, the electric machine operates in the engine mode, then switching to generator mode. As a generator, as a rule, a permanent magnet synchronous motor is used. Microturbine generators with a synchronous motor with permanent magnets produces: Capstone Turbine Corp., Elliott Energy (Calnetix), Honeywell, Bowman Power Systems, Northern Research and Eng. Corp., Allison Engine Corp., Williams International (USA), Turbec (Sweden), Siemens (Germany), Toyota, Nissan, Hitachi, Kawasaki (Japan) and others. The attention of such a large number of different manufacturers demonstrates the obvious promise of developing high-speed low-power synchronous motors with permanent magnets.
As permanent magnets in synchronous motors with permanent magnets, as a rule, intermetallic compounds based on rare-earth metals -NdFeB and SmCo are used. Advantages of NdFeB -higher energy than SmCo, low price; disadvantageslow temperature demagnetization (Curie temperature), a tendency to corrosion.
The conclusions are as follows. 2. The experience of using contactless highspeed supports shows that of the three known types: gas-dynamic, gas-static and electromagnetic, petal-type gas-dynamic mount, which are a type of gas-dynamic mounts, have found primary use.
3. The use of rare earth magnets (NdFeB, SmCo) provides acceptable magnetic properties of composite rotors with their low weight and dimensions, which is especially important for high-speed electric machines.
4. When designing permanent-magnet synchronous motors, considerable attention should be paid to the configuration of the rotor and the method of placing the magnets, taking into account the circumferential linear velocity. Preferred is the option with surface magnets and bandage. 5. To ensure maximum mechanical strength with acceptable eddy current losses, it is advisable to use bandages made of carbon-fiber composites to hold the magnets.
According to these conclusions, some nuances can be noted: the use of gas-dynamic petal mounts does not need an external source of compressed gas, which is necessary for conventional gas-static mounts, and, accordingly, does not need an electric power source that supplies electromagnetic supports.
The article by A. C. Maia Thales and others [6] presents the experience of developing an electromechanical design of a high-speed generator driven directly by a turbine, which is made on a turbocharger.
The paper [7] presents the results of the design of the output axial diffuser of a power turbine of an automobile gas turbine installation and presents the results of mathematical modeling of the gas flow. As a result, the diffuser geometry has been optimized in order to reduce losses in it, which improves the power efficiency of the power turbine stage, contributing to the achievement of high effective microturbine efficiency.
The author of the work identifies two aspects in the development of the output diffuser of an automobile microturbine.
1) The diffuser is characterized by hydraulic resistance, the value of which must be reduced so that the high energy dissipation does not level the positive effect of the recovery of static pressure. Increasing the pressure loss in the diffuser requires a higher total gas pressure at the inlet to the turbine stage, which reduces the efficiency of the traction turbine and ultimately reduces the effective efficiency of the microturbine.
2) Creating efficient diffuser nozzles implies the freedom to build axially and radially; in the case of an automobile microturbine, the possibilities are significantly limited by the layout conditions and installation factors.
It is concluded that the output diffuser of an automobile microturbine should combine compactness and high work efficiency [7] .
System description
One of the main reasons hindering the development of the market of power plants with microturbines is their lower electrical efficiency as compared with piston engines. For example, the electrical efficiency (multiplication of the effective efficiency of the microturbine by the efficiency of the electric generator) of one of the best microturbine power plants Capstone is 29 %, whereas for a gas piston engine this parameter is in the range 34-35 % (for a power of 50 kW).
There are several ways to increase the efficiency of gas turbine engines. This increase in the efficiency of its main elements (compressor, turbine, heat exchanger), the implementation of the vaporgas cycle, increasing the maximum cycle temperature of the gas turbine engine and carotene cycle through the introduction of intermediate air cooling between the compression steps in the compressor and the additional combustion chamber between the expansion steps in the turbine. Fig. 1 shows that increasing the maximum gas temperature from 960 °C for turbines made of metals to 1500 °C leads to an increase in the effective efficiency of the microturbine to 38.4 % (at an acceptable value of the degree of pressure increase in the compressor π k = 3.5 for microturbines with a power of 50 kW), which is 4-5 % more than that of reciprocating internal combustion engines with a power of 50 kW. Nevertheless, this way of increasing efficiency still continues to be only promising. To date, in none of the commercially available microturbines (including the Ingersoll Rand and microturbine with a ceramic turbine wheel [8] ), the gas temperature is not increased relative to the level used in metal microturbines ((900-950) °C). Fig. 1 . Influence on the effective efficiency of the microturbine of increasing the temperature of the gas behind the microturbine combustion chamber with the degree of regeneration of the heat exchanger 86 % (π k -pressure ratio)
Components. Bearing unit
Analysis of the review of the scientific and technical literature showed that centrifugal compressors and radial-axial turbines are most often used in microturbines ( Fig. 2) . At low powers of gas turbine engines, they have unattainably high efficiency for axial blade machines at high revolutions. Well known for their high strength properties. The layout of the turbocharger in microturbines is implemented in the cantilever arrangement of the thrust bearing. 
Components. Heat exchanger
Rotary heat exchangers (regenerators) are superior to fixed heat exchangers (recuperators) in terms of efficiency and overall mass indicators (Fig. 3) . The main problem of regenerators is their seals. Minimal leakages in seals have disc frame regenerators (1.5-2.0 %) [9] .
To reduce the thermal deformations of the frame and, accordingly, to reduce leaks, as well as to allow the use of graphite seals (maximum temperature (450-470) °C), the frame is cooled. 
Components. Сombustion chamber
The most promising for the microturbine, which is being developed, with a rotary heat exchanger will be a tubular low-toxic combustion chamber with enriched-lean combustion.
Layouts
The microturbine design (layout 1), made according to the scheme of cantilever placement of blade machines on the turbo-compressor shaft and with two rotating disk heat exchangers, is shown in Fig. 4 . The microturbine design (layout 2) is made according to the cantilever arrangement of blade machines on the turbo-compressor shaft and with one rotating disk heat exchanger, the axis of which is located normally to the axis of the turbocompressor shown in Fig. 5 . The microturbine design (layout 3), made according to the scheme of cantilever placement of blade machines on the turbo-compressor shaft and with one rotating disk heat exchanger, the axis of which is located parallel to the axis of the turbocompressor is shown in Fig. 6 . Fig. 7 shows the layout 4. The layout has one rotating heat exchanger, the axis of rotation of which is parallel to the axis of the turbocharger. Compared to arrangement 3, this arrangement has an elongated turbine diffuser and is made up of separate modules. The turbocharger module, the combustion chamber module and the heat exchanger module have their own bodies, which allows to reduce the dimensions of the chambers with high pressure and, accordingly, reduce the mass of their bodies and the mass of all micro-turbine, unload the diffuser behind the turbine and the turbine cover disk from the gas forces and thermal deformation forces, simplify assembly and disassembly and, accordingly, reduce the cost of overhaul. In addition, the calculated analysis of the efficiency of the diffuser behind the turbine of various lengths of the inlet gas manifold showed a significant advantage in terms of the efficiency of the microturbine with an elongated diffuser behind the turbine. 
Calculations
To confirm the parameters of the selected scheme (table 1), the calculation of the thermal state of the rotor of the designed microturbine was carried out. Such a calculation is decisive for the performance of the CCD and the efficiency value. The temperature state of the rotor was calculated as a result of solving the heat conduction problem in a stationary two-dimensional axisymmetric formulation. The solution of the problem can be divided into 3 main stages: 1) determination of boundary conditions; 2) simulation of the thermal state of the rotor; 3) analysis of the temperature field obtained. The results obtained were used to determine and localize the maximum rotor temperature. The temperature field was used as a PG for the subsequent calculations of the strength of parts and critical rotations of the microturbine.
Boundary conditions of thermal calculation
The calculation was performed by simulating thermal conductivity in the rotor assembly in a non-conjugate formulation, i. e. without conducting a related flow simulation with heat exchange in the cavities and on the surfaces of the rotor. This approach was chosen because of the significantly lower resource intensity of the mathematical model and the absence of the need for its complexity, since for most cavities and rotor surfaces (including wheel surfaces), there are well-studied experimentally criterial dependences in the literature for calculating heat transfer coefficients. Also available were data on changes in temperature and heat transfer coefficients of the working medium in the flow parts of the wheels and in the secondary cavities, obtained from aerodynamic modeling using CFD. It also contributed to the formulation of sufficiently detailed PG on the surfaces of the flow parts of the wheels, the rear surfaces of the wheel disks and secondary cavities. It should also be noted that this approach made it possible to implement a model with low computational resourceintensiveness, which allows for rapid estimates of the rotor temperature, which is undoubtedly extremely important during the design iterative work on engine design. Fig. 8 shows a sketch of the rotor assembly in section. The sketch shows the dependencies for which heat transfer coefficients were calculated on the external surfaces and surfaces of the internal cavities of the rotor. Heat transfer on the surfaces of the rotor was set with the help of 3 type boundary conditions, which represent the heat transfer coefficient and the reference temperature of the external environment. The heat transfer coefficients were set by empirical dependencies on the characteristic geometrical dimensions, speeds and properties of the working medium, type dependences α = f(L, W, λ, ...). For a number of rotor surfaces, heat transfer coefficients were calculated by empirical dependencies through similarity criteria such as the Nusselt number, Reynolds number, Prandtl number and characteristic geometric dimensions. These are dependencies like Nu = f(Re, Pr, L, ...) and α = (Nu ⋅ λ)/L. Below boundary conditions are described in more detail. 
Compressor
The heat transfer coefficients and the reference temperature of the flow path of the compressor were also determined from aerodynamic (CFD) calculations (Fig. 9 ). The reference temperature in the flow part of the compressor is also practically independent of the temperature of the wheel and has a small gradient in the circumferential direction. Therefore, the results for the reference temperature and heat transfer coefficient were also averaged around the circumference, and in the thermal model of the rotor were set as a function of the length of the flow part. Fig. 10 shows the profiles of the heat transfer coefficient and the reference temperature along the length of the flow path of the compressor, calculated from the aerodynamic calculation.
Secondary cavities
By secondary cavities we mean the cavity of the labyrinth seal and the cavity behind the disk of the turbine and compressor.
The flow in the secondary cavities is characterized by significantly lower costs compared to the main engine path and is mainly determined by the pressure drop between the leak gaps from the compressor and turbine sides and the labyrinth seal. Due to the relatively small consumption and sufficiently developed areas of the surfaces of these cavities, the temperature of the air flowing through them varies considerably as it moves, namely, it increases as it flows from the compressor disk to the turbine disk due to intensive heat exchange with hot parts. Such a character of the flow requires the determination of PG in some cavities varying along the channel length and depending on temperature. Simulation of flow in the secondary path showed that such a channel is the cavity behind the turbine disk.
To determine the GI from heat transfer, in the secondary cavities, flow simulation was also used using a numerical model used to calculate leakage through labyrinth seals. This approach is more preferable for these cavities in comparison with the use of empirical dependencies, since allows much more accurately take into account the complex nature of the flow described above.
Thus, by calculating the flow, it was determined that in the cavities behind the compressor disk, in the labyrinth seal, and in the cavity between the labyrinth and the end spline connection (Hirt connection), the reference temperature and heat transfer coefficient vary slightly along the channel length and depend mainly on the temperature difference between the channel walls . In the cavity behind the turbine disk, as noted earlier, the reference temperature and heat transfer coefficient depend both on the channel length (disk radius) and on the temperature difference between the walls. Fig. 11 shows the calculated heat transfer coefficients and the reference temperatures of the cavity behind the compressor disk, the labyrinth seal cavity, the cavity between the labyrinth and the front splines (Hirt connection) depending on the temperature difference between the surfaces. Fig. 12 illustrates the calculated heat transfer coefficients for the back surface of the disk and the turbine screen, as well as the reference temperature of the cavity behind the turbine disk, depending on the radius and on the temperature difference between the walls.
Internal weakly ventilated rotor cavities
The internal cavities of the rotor include the following cavities:
-the cavity under the end spline connection (Hirt compound) α;
-the cavity between the turbine disk, coupling pin and the turbine nut;
-the cavity between the supports, the shaft and the bearing housing.
Heat transfer in such cavities has been studied quite well and is described by the empirical dependence of the form [6] [7] [8] [9] [10] The reference temperature in the cavities was calculated iteratively in the process of calculating the thermal model of the rotor, as the average temperature of the cavity walls. The thermophysical properties of air were also calculated by the average temperature in the cavity [6] [7] [8] [9] [10] .
The heat transfer coefficient
The reference temperature of the secondary cavities of the secondary cavities Fig. 11 . Heat transfer coefficients and reference temperatures of secondary cavities depending on the temperature difference between the walls
Turbine disk heat transfer coefficient
Turbine screen heat transfer coefficient Disk reference temperature 
External surfaces of the bearing housing
The heat exchange of the outer walls of the bearing housing with the external environment is carried out by natural convection caused by the temperature difference between the walls and the surrounding air. This type of heat transfer is well studied, and for cylindrical and inclined walls there are empirical dependencies of the form [7] [8] [9] [10] [11] where Gr -Grashof number, 2 Gr : ;
As the reference temperature, the ambient air temperature was set at 250 °C.
Rotor bearings
On the rotor bearings, volumetric heat emission sources were specified in accordance with the calculations of heat generation in sliding bearings and experimental data from the SKF supplier for rolling bearings. In the slide support, heat dissipation from friction of 2 kW was set; in the rolling support, heat dissipation from friction of 700 W was set. Also in the supports were asked volumetric heat sinks that simulate oil cooling of bearings. The set power of the heat sinks was selected in such a way that the temperature of the supports did not exceed 1000 °C, which is determined by the allowable working temperature range of the oil and the material of the supports.
It should be noted that in order to avoid overheating of the supports and keeping their temperature below 1000 °C, practically all the heat (∼98 %) emitted by the bearings during operation should be removed due to oil cooling.
Thus, the boundary conditions for the thermal calculation of the rotor assembly were determined. The heat exchange similarity criteria described above and the temperature difference between the walls, depending on which they are calculated, were calculated iteratively in the process of solving the thermal model of the rotor.
Thermal resistance of contacts
Contact surfaces in various types of connections, such as connections with tension, bolted connections, etc., are not ideal due to the presence of asperities. As a result, at the contact point of such surfaces the temperature field has a characteristic jump, i. e. imperfect thermal contact takes place. Thus, for correct modeling of the temperature field of the rotor assembly, it is necessary to determine the thermal resistances of non-ideal contacts (Fig. 13) .
The thermal resistance of the contact depends on the degree of roughness of the contacting surfaces, the materials from which they are made, and the contact pressure, i. e. force of compression of surfaces. The thermal resistance of the contact was calculated from empirical dependencies, and also compared with experimental data available in the literature [8] [9] [10] [11] [12] [13] 1 : ,
where λ -reduced thermal conductivity coefficient,
; λ λ λ = λ + λ p k -contact pressure; σ b -ultimate strength of softer material at the temperature of the contact zone T k ; n -exponent; λ с -air thermal conductivity; K -experimental coefficient; r m -radius of the contact patch; δ e -equivalent thickness of the gap. Some parts of the rotor are not in direct contact, but are separated by a thin air gap. Due to the small size of these gaps, the absence of the difference in the velocities of the walls and the high-pressure flow in them, the convective component of heat exchange can be neglected and only thermal conductivity can be taken into account. Especially for this kind of "contacts" there are models of interfaces with a thin layer, imitating a heat-conducting medium separating parts. This model was used to simulate thin air gaps. The air in the gaps was set as an ideal gas with temperature dependent properties.
The thermal resistances calculated by the given expression, as well as thermal models of the gaps are shown in Fig. 13 . Fig. 14 shows a view of the calculated region of the assembly and the grid of the thermal model of the rotor assembly. The heat conduction problem was simulated in a two-dimensional axisymmetric formulation. Convective sources and heat sinks are set by PG of the 3 rd kind (heat transfer coefficient and reference temperature), heat dissipation in the supports are set by means of volumetric energy sources, contact details are set using thermal interfaces (direct conjugation) taking into account the contact thermal resistance, and also taking into account the thermal resistance of thin air gaps, which are taken into account through thermal interfaces with a thin layer model. The rotor assembly model consists of several design areas that describe the details of the rotor and are combined into an assembly through boundary conditions and thermal interfaces. The results show that the main heat load falls on the turbine wheel from the hot gas in the flow part. The turbine wheel, being the hot part of the rotor, causes the main thermal load on the rotor coupling pin, which in turn, along with the compressor, transfers the heat flux to the rotor shaft.
Simulation of the thermal state of the rotor
The main part of the heat from the turbine wheel is removed by intensive convection in the cavity behind the turbine disk. Cold air from a compressor degree leak passes through the labyrinth seal and enters the cavity behind the turbine disk. Passing through these secondary channels, air takes heat from hot parts, including from the turbine wheel, heating up along the direction of travel, and then through the leakage of the turbine stage enters its flow part, mixing with the gas of the turbine path. Also the heat flux field shows the proper the operation of the heat shield of the turbine, through which there is a fairly small heat flux. This prevents the compressor wheel from heating up, which in turn improves the strength characteristics and efficiency of the compressor stage. A significant part of the heat from the hot gas in the flow section of the turbine passes through the turbine disk into the end splines (Hirt connection) and through the thermal resistance of the contact due to heat conduction enters the compressor wheel. Also, part of the heat from the flow part passes through the wheel and the turbine nut into the rotor coupling pin due to thermal conductivity, also passing through the thermal resistance of the contact.
The heat flux entering the compressor wheel is removed from it by intensive convection in the flow part of the wheel due to significant consumption and the developed heat exchange surface. Also, a portion of the heat load of the rotor coupling pin is retracted through the air cavity to the compressor wheel due to convection and then also carried away by the main current in the flow part of the compressor. The rest of the heat is removed from the coupling studs into the rotor shaft through the resistance of the air gaps and further from the rotor shaft is dissipated from the developed surfaces of the casing of the input cavity of the compressor and the bearing casing, which are in an environment of cold outside air.
It is also clearly seen in the figure that, despite the sufficient oil cooling of the supports taken into account in the thermal model, a rather significant thermal load falls on the bearing housing and to some extent on the rotor shaft from the hydrodynamic support. This again indicates the need for effective cooling of the supports.
In general, the heat fluxes from the hot part of the rotor are sufficiently efficiently discharged and do not reach to a great extent the rotor shaft and its supports, which indicates a fairly successful rotor design in terms of thermal state. Significant heat flow comes to the compressor wheel and the rotor coupling pin in the hot part, however, how critical this circumstance can be given only by analyzing the temperature field of the rotor, carried out below. Fig. 16 shows the calculated temperature field of the rotor assembly. It can be seen that the maximum temperature is localized at the periphery of the turbine wheel, in the output part of the wheel, and also over the entire contact surface of the hot gas with the flow part of the turbine wheel. The rear part of the turbine disk turns out to be cooler due to the significant heat removal by cold compressor air of leakage into the cavities behind the turbine disk. It should be noted that this nature of heat transfer in the turbine wheel causes a significant temperature gradient over the wheel in the axial direction. However, the maximum temperature of the turbine wheel does not exceed 610 °C (Fig. 17) , which is a valid value for the heat-resistant alloy used. Fig. 18 shows the temperature field of the compressor wheel. The figure clearly shows that, despite the significant heat flux coming from the turbine wheel through the Hirt connection, the temperature of the compressor wheel does not exceed 250 °C and is localized in the zone of connection with the turbine wheel. The main part of the compressor wheel body does not exceed 200 °C. These temperatures are also acceptable for the titanium alloy used. It should be noted that a significant role in the heat flow insulation in the Hirt compound, the thermal resistance of the contact plays, which, in addition to the non-ideal contact of parts, is also due to the presence of an air gap between the teeth of the joint. The thermal resistances of the contacts, taken into account in the thermal model, are noticeable by gaps in the temperature field at the interface of the assembly parts. Fig. 19 shows the temperature of the rotor pin. As described above, the heat flow is quite efficiently removed from the studs partially into the compressor through the air gap, partially into the rotor shaft and body parts. In this regard, the heat coming from the turbine wheel through the turbine nut heats only a part of the stud located directly under the turbocharger. The rest of the studs remain cold, which increases the strength and resource characteristics of the rotor. The maximum temperature of the stud does not exceed 335 °C, which is quite satisfactory for the alloy steel used. Fig. 20 shows the temperature distribution over the shaft and rotor bearings. As can be seen from the figure, the temperature of the supports practi-cally does not exceed 100 °C, due to the account in the model of oil cooling of the supports. Due to the fact that no significant heat comes into the rotor pin, and the incoming heat is quite efficiently removed, the rotor shaft practically does not perceive the heat load of the hot part. Therefore, the thermal state of the shaft is caused by heat flows coming from the supports, and the shaft remains sufficiently cold. The temperature of the supports, in turn, is due only to heat generation of friction and the efficiency of oil cooling. In other words, the supports also do not perceive the heat load of the hot part. It must be said that this is a rather important positive aspect of the developed structure, which undoubtedly contributes to improving the strength characteristics of the rotor and its resource. The temperature of the bearing housing is shown in Fig. 21 . As can be seen from the figure, the maximum body temperature is localized at the landing sites. The temperature of the body in these places does not exceed 100 °C. The external temperature of the body does not exceed 80 °C in the area above the rolling support and remains fairly low over the rest of the surface. It can be concluded that the bearing housing remains sufficiently cold, effectively dissipating the residual heat generated by the supports into the external environment. 1. Based on the analysis performed, the fourth layout of the microturbine appears to be the most promising design. In general, the temperature field of the turbine qualitatively corresponds to the analysis of the integral heat fluxes described above.
Temperature field
2. A quantitative assessment of microturbine rotor temperatures shows that the maximum temperature of the turbine wheel is 610 °C, the maximum temperature of the compressor wheel is 252 °C, the maximum temperature of the coupling pin on the turbine side is 335 °C, and the temperature of the rotor shaft and bearing assembly does not exceed 100 °C.
3. Based on the calculated maximum temperatures of the turbine, compressor and shaft, it can be concluded that the temperature state of the main parts of the rotor is satisfactory, since at these temperatures, there is no significant reduction in the strength limits for the respective materials of the parts. So for the material of the VZhL-12 turbine, the strength and fluidity limits are significantly reduced at temperatures above 900 °C; for the material of the VT6 compressor, a significant decrease in mechanical properties is observed at temperatures above 300 °C [14] .
4. The resulting temperature field was used further as boundary conditions for calculating the strength and critical frequencies of the rotor. The use of a microturbine with an electric machine makes it possible to realize the advantages of a microturbine and the ability to use the installation as a Range Extender. 5. Optimum parameters and layout allow for high efficiency 38.4 % and a miniature microturbine volume.
